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For understanding the friction in sliding parts of a hydraulic pump, it is very important to measure the coefficient of friction by using parts with similar material and shapes to the actual pump parts under the same sliding condition. Figure １ shows Table 2 .
For the apparatus having the test ring with no cam lift, the driving torque T becomes the total friction torque of the shaft, rotor and vanes. In the test, the torque was measured twice at the same operating condition. After setting the pump speed N and the oil temperature θ at a measuring point within ±10 min -1 and ±３ ˚C, respectively, the driving torque （total friction torque） T was measured in the process to increase the inlet pressure p 1 and to decrease it again.
During the measurement of T, p 1 was maintained within ± By dividing T into T 0 and T n , the effect of the centrifugal force is considered to be eliminated in T n . Then, T n can be expressed by the following equation.
T n ＝λzbwR c p 1 ⑵ From the measured T n , λ can be reversely estimated as follows.
λ＝T n / （zbwR c p 1 ） ⑶ In this experiment, λ means the average value of the coefficient of friction for ten vanes. Figure 7 shows the relationships between p 1 and λ calculated from T n in Fig . Furthermore, it was calculated that the coefficient of friction increased with an increase in oil temperature 13） . When the oil film becomes thin, the area of metal-to-metal contact between the ring surface and the vane tip increases. Then, it could be inferred that the coefficient of friction increases because of a decrease in the support caused by the oil film for the vane force. In a study on the friction loss of hypoid gears, it was revealed that a higher oil temperature of lubricant brought a greater increase in the temperature on the gear tooth surface due to an increase in the heat generated by the friction loss 14） .
4.２ Modeling of friction characteristics
From Fig. 7 , it is found that the pressure and the oil temperature affect the coefficient of friction λ. Furthermore, it could be understood from the difference in the slope of T n against p 1 in Fig. 4 that the rotational speed of the rotor, namely the sliding velocity of the vane, affects λ. Then, it is attempted to represent λ using the non-dimensional parameter S, which is used to represent the friction characteristics in plain bearings and denoted as follows. Because the friction at high pressures is important in the actual pump, the data at p 1 ＝5.88 MPa were selected from 11, the figure becomes straightforward. However, it is considered to be still ineffective to represent the change in λ using S for the variations of N and the oil temperature.
The previous study 11） reported that the friction torque characteristics in hydraulic pumps including a vane pump could be accurately represented by the following equation.
In Eq. ⑸, V th is the theoretical pump displacement, Δp is the pressure differential across the pump, and C f 0 , ω 0 , α, C θ , C d , C e and T c are pump constants independent of ω, Δp and θ.
In addition, θ 0 is a typical working oil temperature used as the standard in the test. By comparing Eq. ⑸ with Eq. ⑴ and changing Δp to p 1 , the following equations can be deduced. are presented in Table 3 . Regrettably, the equation to represent perfectly the change in λ for all the operating conditions of v, p 1 and θ was not constructed because the increasing rate of λ against p 1 changes complicatedly according to the inner surface roughness, as seen from Fig. 7 .
As a result, it was difficult to add the effects of the surface roughness and p 1 to the equation representing the change in λ. However, Eq. ⑻ can well represent the change in λ under a fixed p 1 condition, and is very useful to understand the behavior of the coefficient of friction.
4.３ Friction Characteristics for extended vane force
A test ring with an extremely fine inner surface produces an excessively low value of the coefficient of friction λ. It would be interesting to know how the fine surface roughness keeps low friction for increasing the vane force due to the pressure. Therefore, by using the test ring F with a fine surface roughness of 0.116 µmRz （average） , the influence of the increase in the vane force F v on λ is investigated. By using a vane with a thickness w of 1.8 mm, the vane force denoted as F v ＝wbp 1 can be increased. λ only at N＝3000 min -1 was not clarified. However, this fact suggests that a thinner vane should be used in order to maintain a low friction condition.
5．Conclusions
In this work, the friction characteristics of a vane for various operating pressures, rotational speeds and oil temperatures were experimentally investigated by using cylindrical test rings having various values of inner surface roughness. As a result, the following conclusions were drawn.
For the test rings with an inner surface roughness less than 0.7 µmRz, the coefficient of friction decreased with lessening the surface roughness but increased with increasing the pressure acting on the vane. For the test rings with a rougher inner surface greater than １ µmRz, the coefficient of friction is independent of the pressure. With an increase in the oil temperature and a decrease in the vane sliding speed, the coefficient of friction increased independently of the surface roughness.
A proposed mathematical model using the sliding speed of the vane and the oil temperature instead of the viscosity of oil as parameters could well represent the friction characteristics at the vane tip for each test ring with a different value of the surface roughness.
In addition, in the test ring having low friction due to an extremely fine inner surface, the coefficient of friction at a high vane speed became higher at a greater vane force independently of the oil temperature.
